The model consists of two masses, rotor mass m w , concentrated at the shaft -rotating with angular frequency Ω -and stator mass m s , which has the inertia θ sx and is concentrated at the centre of gravity S. The moments of inertia of the rotor are not considered and therefore no gyroscopic effects. Shaft journal centre point V describes the movement of the shaft journal in the sleeve bearing. Point B is positioned at the axial centre of the sleeve bearing shell and describes the movement of the bearing housing. The rotor mass is mechanically linked to the stator mass by the stiffness of rotor c and the oil film stiffness matrix C v and the oil film damping matrix D v of the sleeve bearings, which contain the oil film stiffness coefficients (c yy , c yz , c zy , c zz ) and the oil film damping coefficients (d yy , d yz , d zy , d zz ) (Fig. 3) . The cross-coupling coefficients -stiffness cross-coupling coefficients c yz , c zy and damping cross-coupling coefficients d yz , d zy -cause a coupling between vertical and horizontal movement and the vertical oil film force F z and the horizontal oil film forces F y (Tondl, 1965; Glienicke, 1966; Lund & Thomsen, 1978; Lund & Thomsen, 1987; Gasch et al. 2002; Vance et al., 2010) , which is mathematically described in (1).
www.intechopen.com For cylindrical shell bearings the cross-coupling stiffness coefficients are usually not equal (c zy ≠ c yz ). This leads to an asymmetric oil film stiffness matrix C v , which is the reason that vibration instability may occur (Tondl, 1965; Glienicke, 1966; Lund & Thomsen, 1978; Lund & Thomsen, 1987; Gasch et al. 2002; Vance et al., 2010) . In this model it is assumed that the drive side and the non drive side values are the same, and the bearing housing and end shield stiffness matrix C b is also assumed to be same for the drive side and non drive side. The stiffness and damping values of the oil film are calculated by solving the Reynoldsdifferential equation, using the radial bearing forces, which are caused by the rotor weight and static magnetic pull. The stiffness and damping values of the oil film are assumed to be linear regarding the displacements of the shaft journals relative to the bearing housings. Damping of the bearing housings and the end shields are not considered because of the usually low damping ratio. For electrical machines, an additional magnetic stiffness matrix C m between the rotor and the stator exists, which describes the electromagnetic coupling between the rotor and stator. The magnetic spring constant c m has a negative reaction. This means that a radial movement between the rotor and stator creates an electromagnetic force that tries to magnetize the movement (Schuisky, 1972; Belmans et al., 1987; Seinsch, 1992; Arkkio et al., 2000; Holopainen, 2004; Werner, 2006) . Here the magnetic spring coefficient c m is defined to be positive, which acts in the direction of the magnetic forces. Electromagnetic field damping effects, e.g. by the rotor cage of an induction motor, are not considered in this paper. The stator structure is assumed to be rigid when compared to the soft foundation. The foundation stiffness matrix C f and the foundation damping matrix D f connect the stator feet, F L (left side) and F R (right side), to the ground. The foundation stiffness and damping on the right side is assumed to be the same as on the left side. The stiffness values c fy and c fz and the damping values d fy and d fz are the values for each machine side. The coordinate systems for V (z v ; y v ) and B (z b ; y b ) have the same point of origin, as well as the coordinate systems for the stator mass m s (z s ; y s ) and for the rotor mass m w (z w ; y w ). They are only shown with an offset to show the connections through the various spring and damping elements.
Natural vibrations
To calculate the natural vibrations, it is necessary to derive the homogenous differential equation, which is assumed to be linear.
Derivation of the homogenous differential equation system
The homogenous differential equation system can be derived by separating the vibration system into four single systems -(a) rotor mass system, (b) journal system, (c) bearing house system and (d) stator mass system - (Fig. 4) . :
: 
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The equations (2)-(10) lead to a linear homogenous differential equation system (11) with 13 degrees of freedom (DOF = 13), with the mass matrix M o , the damping matrix D o and the stiffness matrix C o , which have the form 13x13.
The coordinate vector q o is a vector with 13 rows described by: 
The linear homogenous differential equation system can be reduced into a system of 9 DOF, by considering the cinematic constraints between the stator mass and the machine feet.
Kinematic constraints between stator mass and machine feet
The kinematic constraints are derived for translation of the stator mass and for angular displacement of the stator mass and for the superposition of both.
Kinematic constraints for translation of the stator mass
If the stator mass centre S makes only a translation (z s , y s ) without angular displacement (ϕ s = 0) the kinematic constraints between stator mass centre S and the machine feet F L and F R can be described as follows:
Kinematic constraints for angular displacement of the stator mass
If the stator mass centre S only makes an angular displacement (ϕ s ) without translation (z s = y s = 0) the kinematic constraints between the angular displacement (ϕ s ) of the stator mass centre S and the translation of the machine feet F L and F R are shown in Fig. 5 . The displacements of the machine feet on the left side of the machine can be described as follows:
The angle β is described by:
. Angular displacement ϕ s of the stator mass centre S
The displacements of the machine feet on the right side of the machine can be described as follows:
The angle γ is described by:
For small angular displacements ϕ s of the stator mass centre S (ϕ s << Ψ and ϕ s << ζ) following linearizations can be deduced:
With these linearizations the displacements of the machine feet on the left side and on the right side can be described as follows:
Kinematic constraints for superposition of translation and angular displacement
For superposition of the translation and angular displacement of the stator mass centre S following kinematic constraints can be derived:
Therefore, it is possible to describe the translations of the machine feet (z fL ; y fL ; z fR ; y fR ) by the movement of the stator mass (z s , y s , ϕ s ).
Reduced homogenous differential equation system
With the kinematic constraints (27)-(30) the differential equation system (11) -with 13 DOF -can be reduced to a differential equation system of 9 DOF. By deriving the reduced differential equation system, it is necessary to consider, that the negative vertical displacement of the machine foot F L , related to the coordinate system in Fig. 4 is considered in the direction of the vertical forces in F L . Therefore the displacement z fL has to be described negative z fL -z fL , as well as the velocity ż fL -ż fL . With this boundary condition and with the kinematic constraints (27)- (30) the equations for the stator system (8)- (10) become: 
Therefore, it is now possible to derive the reduced homogenous differential equation system, which only has 9 DOF:
The mass matrix M and coordinate vector q are described by: ;
The damping matrix D is described by: 
The stiffness matrix C is described by: 
Solution of the reduced homogenous differential equation system
The natural vibrations can be derived by solving the homogeneous differential equation (34). Therefore usually a complex ansatz is used. So the homogeneous differential equation is described complex, with the vector q as a complex vector (underlined = complex value), the mass matrix M, the damping matrix D and the stiffness matrix C. 
To get the complex eigenvalues λ, it is necessary to solve the determination equation:
This leads to a characteristic polynomial of 12 th grade:
With a numerical solution of this polynomial, n complex eigenvalues λ n -with the real parts α n , which describe the decay of each natural vibration and the imaginary parts ω n , which describe the corresponding natural angular frequencies -can be calculated. The eigenvalues occur mostly conjugated complex ( j:
With the complex eigenvalues λ n the complex eigenvectors n q can be calculated. Therefore the natural vibrations can be described by: 
The factors k n can be used, to adapt the natural vibrations to the starting conditions. Using the calculated real part α n and the imaginary part ω n of each complex eigenvalue λ n the modal damping D n of each natural vibration mode can be derived (Kellenberger, 1987) . 
Stability of the vibration system
If the oil film stiffness matrix C v of the sleeve bearings is non symmetric (c zy ≠ c yz ) -for e.g. sleeve bearings with cylindrical shell the cross-coupling coefficients of the stiffness matrix are mostly unequal (c zy ≠ c yz ) -also the system stiffness matrix C (37) gets non symmetric. This may lead to instabilities of the vibration system (Gasch et al., 2002) , which occur if the real part of one or more complex eigenvalues gets positive, leading to negative modal damping values (45). The oil film stiffness and damping coefficients are a function of the rotary angular frequency Ω of the rotor.
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To find the limit of stability of the vibration system, the rotary angular frequency Ω has to be increased, until the real part of one or more complex eigenvalues becomes zero. Then the limit of stability is reached at the rotary angular frequency Ω = Ω limit . At the limit of stability the natural angular frequency of the critical mode becomes ω limit and no damping exists (α limit = 0). So the critical complex eigenvalue at the limit of stability becomes:
With this complex eigenvalue the complex eigenvector can be calculated. So the undamped natural vibration at the limit of stability can be described by:
At the limit of stability, that means at the rotary angular frequency of Ω limit , which represents the rotor speed n limit (= Ω limit /2π), the undamped mode (with α limit = 0) oscillates with the natural angular frequency of ω limit , as a self exciting vibration.
Example
In this chapter the natural frequencies of a 2-pole induction motor (Fig. 1 ), mounted on a rigid foundation and also mounted on a soft steel frame foundation, is analyzed.
Data of motor, sleeve bearing and foundation
The machine data, sleeve bearing data and foundation data are shown in Table 1 . First the stiffness data of the foundation are chosen arbitrarily. The damping ratio D f of the steel frame foundation is assumed to be 0.02, which is common for a welded steel frame. 
Machine data Sleeve bearing data

Oil film stiffness and damping coefficients
The oil film stiffness and damping coefficients of the sleeve bearings are calculated for each rotor speed in steady state operation, using the program SBCALC from RENK AG. Fig. 6 . Oil film stiffness and damping coefficients for different rotor speeds
Used FE-Program
To calculate the natural vibrations and to picture the mode shapes the finite element program MADYN is used. A simplified finite element model is used (Fig. 7) , which is based on the model in Fig. 2 . The degrees of freedom of the nodes are chosen in such a way, that only movements in the transversal plane (y-z plane) occur. 
Natural vibrations; motor mounted on a rigid foundation
Before the natural vibrations of the motor, mounted on the soft steel frame foundation, are analyzed the natural vibrations of the motor, mounted on a rigid foundation are calculated. Therefore the foundation stiffness values are assumed to be infinite high (c fz = c yz → ∞ ).
Natural vibrations at rated speed
First the natural vibrations at rated speed are calculated. The mode shapes are pictured in Fig. 8 . In the 1 st mode the rotor mass -shaft centre point W -moves on an elliptical orbit, which is run through forwards. The semi-major axis of the orbit is about 34° shifted out of the horizontal axis. The orbit of rotor mass is larger than the orbits of the shaft journals. The orbits of the shaft journals -shaft journal points V -have the same orientation as the orbit of the rotor mass and are also run through forwards. The orbits of the bearing housing points B are much smaller than the orbits of the shaft journal points V, but are also run through forwards. Their semi-major axes are about 28° shifted out of the horizontal axis. Because of the infinite stiffness of the foundation no movement of the stator mass occurs. In the 2 nd mode the semi-major axes of all orbits have the nearly the same orientation, shifted about 8° out of the horizontal axis. All orbits are run through forwards. In this mode the largest orbits are the orbits of the shaft journal points V. In the 3 rd mode the semi-major axes of the shaft centre point W and of the shaft journal points V are shifted about 15° out of the vertical axis. The semi-major axes of the bearing housing points B are shifted about 20° out of the vertical axis. All orbits are run through backwards. In this mode the orbit of the shaft centre point W is much larger than the orbits of the shaft journal points V and the orbits of the bearing housing points B, which are nearly equal to each other. This leads to a strong bending of the rotor shaft with only small orbits in the sleeve bearings. The natural frequencies and the modal damping values are shown in Table 2 Table 2 . Natural frequencies and modal damping, motor mounted on a rigid foundation, operating at rated speed (n N = 2990 r/min)
Critical speed map
In this chapter the natural frequencies and the modal damping for different rotor speeds are calculated and a critical speed map is derived (Fig. 9 ). Fig. 9 shows how the natural frequencies f n and the modal damping values D n change with the rotor speed n r , caused by the changing of the oil film stiffness and damping coefficients. Where the rotary frequency (Ω/2π) meets the natural frequencies critical speeds regarding the 1x excitation may occur if the modal damping value is low at this rotor speed. Usually, if the modal damping value D n is higher than 20% no critical resonance vibrations are expected and the rotor speed is usually not assumed to be a critical speed. Here two critical speeds have to be passed to reach the operating speed. The 1 st critical speed occurs at about a rotor speed of 2070 r/min with a modal damping value of about 15%. The 2 nd critical speed occurs at a rotor speed of 2475 r/min with a modal damping value of about 3.5%. Fig.  9 shows that a separation margin larger than 15% for the critical speeds to the operating speed (2990 r/min) is given, which is required in many standards and specifications. Fig. 9 shows additionally that limit of stability is reached at a rotor speed of about 3900 r/min. Here the modal damping of mode 1 gets zero.
Stiffness variation map regarding the electromagnetic stiffness
In this chapter the influence of the electromagnetic stiffness between the rotor and the stator on the natural frequencies is analyzed. Therefore the magnetic spring constant c m , which describes the electromagnetic stiffness between rotor and stator, is variegated by a factor k cm , called magnetic stiffness factor. The rated magnetic spring constant is c m,rated = 7.15 kN/mm (Table 1) . The magnetic stiffness factor k cm is variegated in the range of 0…2 and the influence on the natural frequencies and modal damping values are calculated for operation at rated speed (Fig. 10) .
www.intechopen.com Fig. 10 shows that mode 1 and mode 3 are clearly influenced by the magnetic spring constant. Their natural frequencies and modal damping values change with the magnetic stiffness factor, whereas mode 2 is hardly influenced by the magnetic spring value. The reason is that the orbits of rotor mass are larger than the orbits of the shaft journals for mode 1 and mode 3 (Fig. 8) , contrarily to mode 2, where the orbits of the shaft journals are larger. Therefore the influence of the magnetic spring constant, which acts at the rotor mass, is higher for mode 1 and mode 3.
www.intechopen.com Magnetic stiffness factor k cm [-] ≈ Fig. 10 . Stiffness variation map regarding the electromagnetic stiffness, motor mounted on a rigid foundation, operating at rated speed (n N = 2990 r/min)
Natural vibrations; motor mounted on a soft steel frame foundation
After the natural vibrations of the rigid mounted motor are analyzed, the natural vibrations of the motor, mounted on a soft steel frame foundation, are now investigated. The foundation data are described in Table 1 .
Natural vibrations at rated speed
Again, the natural vibrations at rated speed are calculated first. The natural frequencies are calculated once without considering of the foundation damping (D f = 0) and once with considering of the foundation damping (D f = 0.02). The mode shapes without considering foundation damping are pictured in Fig. 11 , which can be assumed to be equal to the mode shapes with considering foundation damping. The first two modes are nearly rigid body modes of the soft mounted machine. Rotor and stator are nearly acting like a one-mass system. The orbits of the rotor and of the stator are nearly straight lines. In the 1 st mode the rotor mass and the stator mass oscillate in phase to each other nearly in horizontal direction, while stator mass makes a lateral buckling at the xaxis, in the same direction as its horizontal movement. In the 2 nd mode the rotor mass and the stator mass also oscillate in phase to each other, but in vertical direction. Nearly no buckling of www.intechopen.com Fig. 11 . Mode shapes, motor mounted on a soft steel frame foundation (c fz = 133 kN/mm; c fy = 100 kN/mm), without considering foundation damping (D f =0), operating at rated speed (n N = 2990 r/min) the stator mass occurs. For the higher modes stator and rotor behave like a two-mass system and elliptical orbits of the rotor mass and stator mass occur. In the 3 th mode the semi-major axes of orbits of the rotor mass, the bearing housings and the shaft journals are shifted about 12° out of the horizontal axis, whereas the semi-major axis of the orbit of the stator mass is only shifted 5° out of the horizontal axis. All orbits are run through forwards. The rotor mass and the stator mass oscillate out of phase to each other, as well as the shaft journals to the bearing housings. The largest orbits are the orbits of the shaft journals, compared to the other orbits. Because of the large relative orbits between the shaft journals and the bearing housings, the modal damping of this mode is very high, due to the oil film damping of the sleeve bearings. In the 4 th mode the semi-major axis of the orbit of the rotor mass is shifted about 14° out of the horizontal axis. The same is valid for the shaft journals, whereas the semi-major axis of the www.intechopen.com stator orbit is shifted about 47° out of the horizontal axis. The semi-major axes of the orbits of the bearing housings are shifted about 62° out of the horizontal axis. All orbits are still run through forwards. In the 5 th mode the semi-major axis of the orbit of the rotor mass is shifted about 12° out of the vertical axis. The other orbits lie nearly in vertical direction. The stator mass and the rotor mass oscillate out of phase to each other. The orbit of the stator mass and the orbits of the bearing housing are run through forwards, while the orbit of the rotor mass and the orbits of the shaft journals are run through backwards. In the 6 th mode the semi-major axes of the orbits of the stator mass and of the bearing housings are shifted about 80° out of the vertical axis, while the semi-major axes of the orbits of the rotor mass and of the shaft journals are shifted about 45° out of the vertical axis. All orbits are run through backwards.
Additionally the 6 th mode shows a strong lateral buckling of the stator mass at the x-axis, which leads to large orbits at the motor feet. Contrarily to the 1 st mode the lateral buckling of the stator mass is contrariwise to its horizontal movement, which means that if the stator mass moves to the right the lateral buckling is to the left. To consider the influence of the foundation damping on the natural vibrations, a simplified approach is used. Referring to (Gasch et al., 2002) , the damping ratio D f of the foundation can be described by the damping coefficients d fq , stiffness coefficients c fq of the foundation and the stator mass m s , as a rough simplification.
The calculated natural frequencies and modal damping of each mode shape with and without considering foundation damping are shown in Table 3 . It is shown that considering the foundation damping influences the natural frequencies only marginal, as expected. But the modal damping values of some modes are strongly influenced by the foundation damping. The modal damping values of the first two modes are strongly influenced by the foundation damping, because the modes are nearly rigid body modes of the motor on the foundation. Also the modal damping of the 6 th mode is strongly influenced by the foundation damping, because large orbits of the motor feet occur in this mode shape, compared to the other orbits. Table 3 . Natural frequencies and modal damping, motor mounted on a soft steel frame foundation (c fz = 133 kN/mm; c fy = 100 kN/mm) with and without considering foundation damping (D f = 0.02 and D f = 0), operating at rated speed (n N = 2990 r/min)
Critical speed map
Again, a critical speed map is derived to show the influence of the rotor speed on the natural frequencies and the modal damping and to derive the critical speeds (Fig. 12) .
www.intechopen.com Table 4 . Critical speeds, motor mounted on a soft steel frame foundation (c fz = 133 kN/mm; c fy = 100 kN/mm; D f =0.02) Fig. 12 shows that the limit of stability is here reached at about 4650 r/min, because the modal damping of mode 4 gets zero at this rotor speed. For the rigid foundation the limit of stability is already reached at a rotor speed of about 3900 r/min. But contrarily to the rigid mounted motor here four critical speeds have to be passed before the operating speed (2990 r/min) is reached. Additionally a 5 th critical speed is close above the operating speed. The critical speeds and the modal damping in the critical speeds are shown in Table 4 .
www.intechopen.com Table 4 shows that two critical speeds (4 th and 5 th ) with low modal damping values are very close to the operating speed (2990 r/min), having less than 5% separation margin to the operating speed. Therefore resonance vibrations problems may occur. The conclusion is that the arbitrarily chosen foundation stiffness values are not suitable for that motor with a operation speed of 2990 r/min. To find adequate foundation stiffness values, a stiffness variation of the foundation is deduced and a stiffness variation map is created (chapter 4.5.4). But preliminarily the influence of the electromagnetic stiffness on the natural frequencies and modal damping values is investigated for the soft mounted motor.
Stiffness variation map regarding the electromagnetic stiffness
In this chapter the influence of the electromagnetic stiffness on the natural frequencies and the modal damping values at rated speed is analyzed again, but now for the soft mounted motor. Again the magnetic stiffness factor k cm is variegated in a range of 0….2 and the influence on the natural frequencies and the modal damping values is analyzed. shows that mainly the natural frequencies of the 4 th mode and the 5 th mode are influenced by the magnetic spring constant. The natural frequencies of the other modes are hardly influenced by the magnetic spring constant. The reason is that for the 4 th mode and the 5 th mode the relative orbits between the rotor mass and the stator mass are large, compared to the other orbits. Large orbits of the rotor mass and of the stator mass occur for these two modes and both masses -the rotor mass and the stator mass -vibrate out of phase to each other (Fig. 11) , which lead to large relative orbits between these two masses. Therefore, the electromagnetic interaction between these two masses is high and therefore a significant influence of the magnetic spring constant on the natural vibrations occurs for these two modes. In the 1 st and 2 nd mode the motor is acting like a one-mass system (Fig. 11) and nearly no relative movements between rotor mass and stator mass occur. Therefore the electromagnetic coupling between rotor and stator has nearly no influence on the natural frequencies of the first two modes. The 3 th mode is mainly dominated by large relative orbits between the shaft journals and the bearing housings -compared to the other orbits -leading to high modal damping. A relative movement between the rotor mass and the stator occurs, but is not sufficient enough for a clear influence of the electromagnetic coupling. The 6 th mode is mainly dominated by large orbits of the motor feet, compared to the other orbits. Again the relative movement of the stator and rotor is not sufficient enough that the electromagnetic coupling influences the natural frequency of this mode clearly. The modal damping values of all modes are only marginally influenced by the magnetic spring constant, only a small influence on the modal damping of the 4 th mode is obvious.
Stiffness variation map regarding the foundation stiffness
The foundation stiffness values c fz and c yz are changed by multiplying the rated stiffness values c fz,rated and c fy,rated from Table 1 with a factor, called foundation stiffness factor k cf .
Vertical foundation stiffness:
Horizontal foundation stiffness:
Therefore the vertical foundation stiffness c fz and the horizontal foundation stiffness c fy are here changed in equal measure by the foundation stiffness factor k cf . The influence of the foundation stiffness at rated speed on the natural frequencies and on the modal damping is shown in Fig. 14. It is shown that for a separation margin of 15% between the natural frequencies and the rotary frequency Ω/2π the foundation stiffness factor k cf has to be in a range of 2.5…3.0. If the foundation stiffness factor is smaller than 2.5 the natural frequency of the 5 th mode gets into the separation margin. If the foundation stiffness factor is bigger than 3.0 the natural frequency of the 4 th mode gets into the separation margin. Both modes -4 th mode and 5 th mode -have a modal damping less than 10% in the whole range of the considered foundation stiffness factor (k cf = 0.5…4). Because of the low modal damping values of these two modes, the operation close to the natural frequencies of these both modes suppose to be critical. Therefore the first arbitrarily chosen foundation stiffness values (c fz,rated = 133 kN/mm; c fy,rated = 100 kN/mm) have to be increased by a factor of k cf = 2.5…3.0. With the increased foundation stiffness values the foundation can still be indicated as a soft foundation, because the natural frequencies of the 1 st mode and the 2 nd mode -the mode www.intechopen.com shapes are still the same as in Fig. 11 Foundation stiffness factor k cf [-] Separation margin of ±15% to the rotary frequency Ω/2π
Fig. 14. Stiffness variation map regarding the foundation stiffness, motor mounted on a soft steel frame foundation, operating at rated speed (n N = 2990 r/min)
Conclusion
The aim of this paper is to show a simplified plane vibration model, describing the natural vibrations in the transversal plane of soft mounted electrical machines, with flexible shafts and sleeve bearings. Based on the vibration model, the mathematical correlations between the rotor dynamics and the stator movement, the sleeve bearings, the electromagnetic and the foundation, are derived. For visualization, the natural vibrations of a soft mounted 2-pole induction motor are analyzed exemplary, for a rigid foundation and for a soft steel frame foundation. Additionally the influence of the electromagnetic interaction between rotor and stator on the natural vibrations is analyzed. Finally, the aim is not to replace a Vibrations are extremely important in all areas of human activities, for all sciences, technologies and industrial applications. Sometimes these Vibrations are useful but other times they are undesirable. In any case, understanding and analysis of vibrations are crucial. This book reports on the state of the art research and development findings on this very broad matter through 22 original and innovative research studies exhibiting various investigation directions. The present book is a result of contributions of experts from international scientific community working in different aspects of vibration analysis. The text is addressed not only to researchers, but also to professional engineers, students and other experts in a variety of disciplines, both academic and industrial seeking to gain a better understanding of what has been done in the field recently, and what kind of open problems are in this area.
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